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Abstract—Measurements of pool-boiling heat-transfer coefficients in pure R-114 and R-114-0il mixtures
are reported for a smooth tube and eight enhanced tubes (five finned and three re-entrant cavity). Tests
were carried out at atmospheric pressure while decreasing the heat flux. For pure refrigerant, the finned
tubes typically provide enhancements of between 3 and 4, whilst the re-entrant cavity tubes provide
enhancements of more than 10 at low heat fluxes, decreasing to around 4 at high heat fluxes. With addition
of oil, performance of the finned tubes at first increases (with 3% oil) before dropping off. For the re-
entrant cavity tubes, addition of oil causes a steady drop-off in performance, especially for the porous tube
where heat transfer rates similar to that of the smooth tube were obtained.

INTRODUCTION

In recent years, considerable efforts have been spent
in finding ways to design more compact evaporators
for the process and refrigeration industries by using
enhanced heat transfer surfaces. These surfaces can
take a number of forms from simple low integral-
fins (with varying fin profile) to more complicated re-
entrant cavity type surfaces (structured and porous
coated), as shown in Fig. 1.

Boiling mechanisms from smooth and enhanced
surfaces for a single-component liquid are very
complex. Leiner and Gorenflo [1] present a concise
schematic of the mechanisms which affect heat trans-
fer in nucleate pool boiling. For smooth tubes, Carey
[2] provides an excellent summary of the attempts to
model these mechanisms as well as those which affect
bubble growth, departure size and departure fre-
quency near a heated surface. Carey [2] and Stephan
[3] summarize some of the correlations that are com-
monly used in nucleate pool boiling. Attempts to pre-

t Enhancement is defined as the heat-transfer coefficient
for the enhanced tube divided by the heat-transfer coefficient
for a smooth tube (with a diameter equal to the root diam-
eter) under conditions of identical heat flux.

1 The enhancement is also significantly affected by the
choice of tube diameter in the calculation of tube surface
area.

dict boiling behavior on enhanced surfaces have met
with more limited success [4-8]. Further complexities
are introduced with the addition of a second, less
volatile component, such as refrigeration oil. Model-
ing of refrigerant—oil mixture behavior is presently
limited to smooth tubes [9-11] and is highly empirical
in nature. As discussed by Lloyd and Marto [12}, in
the absence of critical properties such as mass and
thermal diffusion coefficients, modeling heat transfer
performance of a refrigerant—oil mixture will remain
difficult and chiller design will rely heavily on agcurate
experimental pool boiling data covering a wide variety
of conditions and fluids.

Much data exists on pool boiling heat transfer from
smooth and enhanced surfaces for a wide variety of
refrigerants (for excellent detailed reviews on
enhanced boiling heat transfer, the reader is referred
to the books by Thome [13] and Webb [14]). For low
integral-fin tubes with trapezoidal fin profiles (ranging
from 19 to 40 fpi), typical enhancementst of up to 4
have been obtained [15-20]. Factors affecting
enhancement include heat flux, system pressure, fin
density and the fluid physical properties.} When com-
paring data from different sources, care must be taken
that one is consistent in the choice of tube surface area
in the calculation of heat flux. If actual wetted area
were used, reported enhancements would be sig-
nificantly lower. Indeed, Sauer e al. [16] showed that
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Fig. 1. Enhanced tubes tested. (a) Finned (GEWA-K and GEWA-T). (b) Finned (GEWA-YX). (¢)
Structured (TURBO-B). (d) Structured (THERMOEXCEL-HE). (e) Porous (HIGH FLUX).
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for a 19 fpi tube at values of heat flux greater than 20
kW m~2, using actual wetted area yielded lower heat
transfer performance than a smooth tube with a diam-
eter equal to the fin tip diameter.

Many investigators have studied low integral-fin
tubes with varying fin profiles [Fig. 1(a) and (b)] as a
means of further enhancing heat-transfer [7, 18-25].
However, typical enhancements are only slightly bet-
ter than with trapezoidal integral-fins. With these pro-
filed fin tubes, the gap width has been found to have
a stronger effect on thermal performance than fin den-
sity, with an optimum of around 0.25 mm for refriger-
ants [18, 21, 25). Gorenflo et al. [20] further report
that, for all types of low integral-fin tube, there is a
sharp drop-off in enhancement with increase in system
pressure and that, as the pressure approaches the criti-
cal value, all enhancement vanishes. Re-entrant cavity
tubes come in two types: structured surface tubes and
porous coated tubes. Although very different, both
types of tube provide a high density of re-entrant
cavities from which active stable nucleation sites can
be maintained at a lower wall superheat: enhance-
ments of more than 10 have been reported for pure
refrigerants using both types [17, 19, 24, 26-33]. Pore
size and gap width are critical parameters in enhance-
ment and tube manufacturers are now ‘adjusting’
these to suit particular fluids and applications.

With a small amount of miscible oil added to a
refrigerant (typically less that 3%), a number of inves-
tigators [16, 22, 26, 27, 32, 34] have reported small
increases in the heat-transfer coefficient of up to 20%
at high heat fluxes (>50 kW m~?) for smooth and
low integral-fin tubes when compared with identical
tests carried out with pure refrigerant. Others [9, 35]
have found no such increase. Kedzierski and Kaul
[36], for internal flow boiling in a smooth tube, pos-
tulated that the increase in heat transfer was due to
an increase in bubble site density with low viscosity
oil. Increasing oil viscosity reduced the improvement
in heat transfer due to offsetting effects of increased
bubble site density and reduced bubble diameter. Ste-
phan [37] attributed the increase to foaming that
occurs with such mixtures. For further oil addition
(>3%), the heat-transfer coefficient for these tubes
has been found to decrease. It is possible that some of
the above-mentioned discrepancies can be explained
by the wide variety of refrigeration oils used, pro-
viding large differences in mixture properties and even
varying levels of miscibility within the refrigerant. For
re-entrant cavity tubes, drop-off in performance has
been reported for all oil concentrations and heat fluxes
{26, 27, 31, 32, 35]. This drop-off can become par-
ticularly significant for porous tubes at high oil con-
centrations (up to 10%) and high heat fluxes (100

1 All subsequent discussion uses root diameter for the low
integral-fin tubes unless specificaly stated otherwise.

1 The heaters used were Watlow Firerod heaters which
were continuously wound with a 203 mm nominal length
and a 190 mm actual heated length.
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kW m~2). Wanniarachchi er al. [26] attribute this to
clogging of the pores with the less volatile oil. A sum-
mary of the effects of oil on pool boiling of refrigerants
from smooth and enhanced surfaces is given by
Schlager et al. [38].

The objective of this paper is to provide a com-
prehensive pool boiling database for R-114 and R-
114-0il mixtures from a wide variety of commercially
available enhanced single tubes. A companion paper
[39] extends this single tube work to smooth and
enhanced tube bundles. It is appreciated that R-114 is
a CFC and is to be completely phased out over the
next few years due to environmental concerns over
the Earth’s protective ozone layer. However, by hav-
ing such a database available, the heat-transfer per-
formance of future alternative refrigerants for flooded
evaporators can be more readily evaluated. Indeed,
Memory et al. [40] have already presented pool boiling
data for R-124, a prospective replacement for R-114.

EXPERIMENTAL APPARATUS

Wanniarachchi et al. [26] provide complete details
of the apparatus shown in Fig. 2. Two Pyrex glass tees
(inside diameter 101.6 mm, length 355.6 mm) were
used as the evaporator and condenser, arranged to
provide reflux operation. The lower tee (evaporator)
contained R-114 and the instrumented boiling tube.
R-114 vapor condensed in the upper tee on a cooled
copper coil and the condensate returned to the evap-
orator by gravity. A flow guide in the lower part of
the evaporator liquid pool ensured that the returning
condensate (with some associated vapor) did not
interfere directly with the fluid dynamics of the boiling
tube. The condenser was cooled by a refrigerated mix-
ture of water and ethylene glycol. Pressure within the
apparatus was controlled by varying the rate at-which
this refrigerated mixture was passed through the con-
denser.

Each evaporator tube (Fig. 3) had a nominal out-
side diameter of 15.9 mm and a total length of 450
mm. A central 190 mm portion of the tube was heated
by means of a 1 kW, 240 V stainless-steel cartridge
heater,{ 6.35 mm outer diameter. To smooth out any
non-uniformity in heat flux caused by the cartridge
heater and to provide a convenient method to install
the wall thermocouples, a copper sleeve was used
inside the test tube into which the cartridge heater was
inserted with a tight mechanical fit. Eight thermo-
couples were installed in the wall of this coppersleeve,
providing temperature measurements at four cir-
cumferential and five axial positions. The copper
sleeve was then carefully inserted into the evaporator
test tube and carefully soldered in place to minimize
any thermal contact resistance. In measuring boiling
heat-transfer coefficients, great care must be exercised
with the cartridge heater and temperature measuring
instrumentation to ensure good accuracy. Various
installation techniques have been reviewed by Jung
and Bergles [33], who concluded that the heat-transfer
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Fig. 2. Schematic of apparatus.

coefficient of a single tube in pool boiling is not sen-
sitive to variations in the cartridge heater heat flux
provided that enough thermocouples (at least four)
are used to measure an average wall temperature.
Each tube was positioned accurately inside the
evaporator tee by means of Teflon bushings and sealed
using O-rings. These bushings fitted into aluminum
end-plates at either end of the tee, again sealed using
O-rings. The liquid saturation temperature in the
evaporator was measured by two thermocouples
placed in copper-tipped stainless-steel thermocouple
wells located 8 cm from each end-plate at the same
height as the evaporator tube. Another thermocouple
was used to measure the vapor temperature, pos-
itioned midway along the evaporator tee, about 25 mm
above the pure quiescent R-114 liquid surface. Prior
to installation, all the thermocouples were carefully
calibrated against a platinum resistance thermometer,
giving an estimated uncertainty in the temperature
measurements of +0.06 K. As discussed by Wan-
niarachchi et al. [26], the average liquid temperature
was taken to represent the saturation temperature in
preference to the vapor temperature, since the latter
was seen to exceed the saturation temperature

(x2.2°C) by as much as 6 K owing to radiative heat
transfer from the room. A completely miscible mineral
oil (York-C) was added to the evaporator via a gradu-
ated glass cylinder with a 0.5 ml resolution: Table ]
lists certain characteristics of this oil. The desired mass
of oil was calculated from the initial volume of R-114
contained within the evaporator.

TUBES TESTED

The specifications of the smooth and enhanced
tubes are given in Table 2. All the tubes were made of
copper except the porous coated tube which had a
porous copper coating on a copper—nickel base. The
smooth tube was used as received with no polishing.
The 19 and 26 fpi low-integral fin tubes are com-
mercially available tubes with fin profiles that are
essentially trapezoidal [GEWA-K, Fig. 1(a)]. T-
shaped [GEWA-T, Fig. 1(a)] and Y-shaped with
notches at the base of the interfin channels [GEWA-
YX, Fig. 1(b)]. The T- and Y-shaped fins are fab-
ricated from a trapezoidal finned tube (GEWA-K)
which is then rolled to provide the desired fin shape.
Both of the structured surface tubes are also fabricated
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Table 1. Characteristics of mineral oil used

Oil type Mineral
Specific gravity @ 15.6°C 0916
Viscosity/(cSt) @ —20°C 20000
Viscosity/(cSt) @ 40°C 62.5
Viscosity/(cSt) @ 100°C 6.04
Pour point [°C] -35
Flash point [°C] 180
Surface tension [N m™'] 0.045

from trapezoidal finned tubes. The TURBO-B tube
{Fig. 1(c)] is then cross-grooved and rolled to provide
a grid of rectangular flattened blocks that are wider
than the original fins. The tubes are supplied in a
variety of nominal diameters and (depending on the
rolling process) size of flattened blocks (referred to as
TURBO-B S, M and L), thus providing differing gap
widths to suit a particular application: the present
tubes used were TURBO-B M. The THERMO-
EXCEL-HE tube [Fig. 1(d)] is also cross-grooved to
provide triangular ‘teeth’ which are then rolled over to
one side forming numerous triangularly-shaped cavity
openings. The porous tube [HIGH FLUX, Fig. 1(¢)]
is fabricated by spraying a smooth tube with a coating
of binder, metallic powder and brazing powder. The
tube is then heated to melt the brazing powder, which
leaves a thin porous matrix of interconnected pass-

ageways. Particle size and coating thickness can be
varied to suit a particular application. Thome [13]
describes the fabrication of all these tubes in more
detail.

EXPERIMENTAL PROCEDURE

Once the evaporator tube was installed, the system
was evacuated to an absolute pressure of about 3
kPa. With no leaks detected over a 24 h period, the
evaporator was charged with pure R-114 from a liquid
reservoir (not shown in Fig. 2) to a level of 20 mm
above the top of the tube. Oil concentrations. of 0%
(i.e. pure refrigerant), 3% and 10% were used. With
10% oil added to the system, the mixture level
increased to a maximum of 32 mm above the top
of the tube. For each tube, the average outer wall
temperature was obtained by averaging the eight wall
thermocouples in the copper sleeve and correcting for
the small radial temperature drop due to conduction
across the copper wall. The temperature drop across
the solder joint between the copper sleeve and the test
tube (estimated to be 0.05 mm thick) was neglected.
For a given tube, the heat flux was calculated by
dividing the electrical power (after it was cdrrected
for small axial losses from each end of the test tube)
by the tube surface area based on an active heated
length of 190 mm and a diameter to the base of the
enhancement (listed in Table 2).



Diameter to Thickness of
base of enhancement
Tube enhancement or fin height
description [mm]) [mm]
Smooth 15.9 —
Finned 12.9 1.50
(GEWA-K 19 fpi)
Finned 12.9 1.50
(GEWA-K 26 fpi)
Modified finned 14.0 0.95
(GEWA-T 19 fpi)
Modified finned 14.0 0.95
(GEWA-T 26 fpi)
Modified finned 13.8 1.05
(GEWA-YX 26 fpi)
Structured 15.5 0.20
(THERMOEXCEL-HE)
Structured 14.2 0.85
(TURBO-B)
Porous 15.7 0.1

(HIGH FLUX)

Table 2. Specifications of tubes tested

S. B. MEMORY et al.

Surface
area Other
ratiot characteristics
— Used as received
2.96 Centerline fin pitch of 1.34 mm
3.95 Centerline fin pitch of 0.98 mm
2.96 Centerline fin pitch of 1.35 mm : surface gap
between fins of 0.25 mm
3.87 Centerline fin pitch of 0.98 mm ; surface gap
between fins of 0.31 mm
392 Centerline fin pitch of 0.98 mm ; surface gap
between fins of 0.28 mm
b Average cavity mouth diameter of 0.1 mm
i Nominal gap width ot 0.1 mm
i = 50% of the copper particles were <44 ym

T Surface area ratio is defined as the actual wetted surface area divided by that for the same tube calculated using the

diameter to base of enhancement.

1 Due to the complexity of this enhanced surface, the actual wetted surface area is unknown.

During this investigation, each tube heat flux was
first set at a maximum (x 100 kW m~?) for approx.
30 min, such that any non-condensables could collect
in the condenser and be vented off. The apparatus
was then secured and the test tube was left to stand
overnight in the pool of R-114, reaching room tem-
perature. The following morning, the tube heat flux
was again set at maximum for another 10 min. Data
collection then commenced with decreasing heat flux
in pre-determined steps down to around 1 kW m™—>.
Once the required heat flux in the evaporator had been
fixed, the coolant flow through the condenser was
adjusted to maintain the required saturation tem-
perature in the pool at 2.2°C, corresponding to a
pressure of approx. 1 atm.T All the data were obtained
and reduced with a computer controlled data ac-
quisition system: the thermophysical properties for
R-114 were taken from REFPROP [41].

RESULTS AND DISCUSSION

One general observation that should be mentioned
prior to discussion of the results was the oscillation
that occurred in the pool for all tubes at heat fluxes
higher than about 20 kW m 2. This could clearly be
seen as a periodic ‘sloshing’ of the fluid from side-to-
side within the evaporator. The frequency} was found
to be very repeatable at around 1 Hz and surprisingly
independent of heat flux and oil concentration. It was
thought that this might be due to the particular

tThis is a typical operating pressure in a centrifugal
flooded evaporator using R-114.

1 One cycle is taken to be a side-to-side motion of the pool
surface back to its starting position.

geometry of the apparatus. but similar frequencies
were also found in the bundle apparatus [46]. [t may
be that liquid circulation up over the tube leads to
some kind of vortex shedding instability.

Uncertainty in the measured data

Throughout the investigation, the measured axial
wall temperatures were found to vary slightly. These
variations differed for each tube and appeared to be
random and independent of thermocouple orien-
tation. Consequently, they were probably caused by
the tube soldering process rather than non-uniformity
in the cartridge heater coils. At each heat flux, the
values of the eight wall thermocouples were compared
to examine the magnitude of these variations. To
determine the effect that this variation had on the
average heat-transfer coefficient, the wall temperature
was averaged in two ways: (1) by averaging all eight
thermocouples ; and (2) by discarding the highest and
lowest values and averaging the rest. The calculated
average heat-transfer coefficient obtained from the
two methods never differed by more than 6% for any
of the tubes. As a consequence, the average outer wall
temperature was taken to be the average of all eight
thermocouples, with a correction to account for the
depth of burial.

The uncertainty in the experimental data was esti-
mated using a propagation of error analysis. The
uncertainty in the wall superheat was dominated by
the uncertainty in the average wall temperature. The
uncertainty in the saturation temperature was esti-
mated to be 0.1°C. The estimated uncertainty in the
wall superheat varied slightly for each tube but was
most significant for the re-entrant cavity tubes,
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Fig. 4. Comparison of smooth tube performance for pure refrigerant with available correlations.

especially at low heat fluxes where the uncertainty
is of the order of the measured wall superheat. For
example, the estimated uncertainty in AT for the
porous tube was +0.4°C (11.4%) at high heat fluxes
(=80 kW m~?) and +0.1°C (45%) at low heat fluxes
(~2 kW m™?%. For the heat flux, the power input
to the tube was measured from voltage and current
sensors, estimated to be accurate to within +1%. The
corresponding uncertainty in the measured heat flux
was estimated to be 5% at low heat flux decreasing to
1.5% at high heat flux. Uncertainty bands for AT
and the average heat-transfer coefficient for the 19
fpi trapezoidal finned and porous tubes with pure
refrigerant are indicated in the figures below. Uncer-
tainty bands for the smooth tube are too small to be
included in the figures.

Smooth tube results for pure R-114

Figure 4 shows the data taken for the smooth tube
with pure refrigerant. The data were very repeatable
and agree closely with those of Wanniarachchi et al.
[27], also shown. There are a number of correlations
available in the literature to predict the pool boiling
heat-transfer coefficient for a smooth tube in a pure
liquid. Most of these can be reduced to a common
form expressing heat fiux as a function of wall super-
heat:

§" = CAT" 1)

T It should be noted that, since equation (1) is not dimen-
sionless, the empirical constant C has units.

1 The value of 1 um used here (which is not too unreason-
able [43]) seems to give the best fit to the data.

where C and » are empirical constantst which: typi-
cally depend on the operating pressure, ther-
mophysical properties of the refrigerant, surface
roughness and geometry of the tube. Chongrungreong
and Sauer [9] developed a general correlation in terms
of fluid physical properties and tube geometry.
Cooper [42] included the effect of rms surface rough-
ness (r in um). Stephan and Abdelsalam [43]
developed correlations for a wide variety of fluids
by applying regression analysis to a large amount of
existing data. Cornwell and Houston [44] devéloped
a convection-based correlation, using the tube diam-
eter as the length dimension. Using a value of surface
roughness of 0.1 ym in the Cooper [42] correlation,]
the values for C and » for all these correlations (cal-
culated for R-114 at one atmosphere) are given in Fig.
4. Values for C and # for the present data when fitted
to equation (1) are also given.

Reasonable agreement is obtained between the cor-
relations and the present pure R-114 data, although
the log—log nature of the plot can be deceiving. In
particular, the correlations of Cooper [42] and
Cornwell and Houston {44] do well in predicting the
general trend of the data (both are within +30% for
the whole range of heat flux). Webb and Pais [19] also
found good agreement between their data for five
different refrigerants and the correlation of Cooper
[42] using a value of r = 0.3 pm. This suggests that
the reduced pressure, used in both correlations, is very
useful as a correlating parameter. However, since the
correlation of Cooper [42] is sensitive to r (which
can be varied to ‘fit’ the data), that of Cornwell and
Houston [44] is preferred.
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Fig. 5. Comparison of smooth tube performance for refrigerant—oil mixtures with available correlations.

Smooth tube results for R-114—o0il mixtures

Figure 5 shows the smooth tube data for oil con-
centrations of 0, 3 and 10%. At high heat fluxes, there
is a steady drop-off in performance with increase in
oil concentration. At low heat fluxes, as the nucleation
sites die out, the effect of the oil becomes less evident.
As oil is added to a refrigerant, a number of mech-
anisms come into play that both increase and decrease
the boiling heat transfer compared to pure refrigerant.
As the more volatile refrigerant is evaporated, there
is an accumulation of oil that takes place in the vicinity
of the tube surface. Diffusion of oil back to the bulk
mixture establishes an equilibrium concentration
gradient, dependent on both bulk oil concentration
and heat flux. As heat flux is increased, the boiling
becomes more vigorous, and oil is transported to the
surface at a faster rate, establishing a steeper con-
centration gradient and larger diffusion layer thick-
ness than at low heat fluxes.

Jensen and Jackman [10} comment that steeper con-
centration gradients inhibit bubble growth and should
lead to a drop-off in thermal performance compared
to pure refrigerant. This could explain the large drop-
off in thermal performance (compared to pure
refrigerant) seen in Fig. 5 at high heat fluxes. At low
heat fluxes, the concentration gradient is shallower
and drop-off is less evident. Furthermore, as one
moves from bulk fluid to the wall, the bubble point
temperature increases along the concentration gradi-
ent. For a constant bulk saturation temperature, the
wall temperature is then higher than that for pure
refrigerant. To satisfy the constant heat flux boundary
condition imposed by the electrically heated tube, the
average heat-transfer coefficient then decreases with

increase in concentration gradient (increase in heat
flux). Kedzierski et al. [45] concluded that, for binary
refrigerant mixtures with widely differing boiling
points, concentration gradients appeared to be the
major cause of thermal degradation: this could
equally apply to refrigerant—oil mixtures where the
difference in boiling points is accentuated.

Unlike pure liquids, predictive methods for refriger-
ant-oil mixtures are very limited [9-11]. Unfor-
tunately, all are empirically based and some require
‘fine tuning’ of constants to particular refrigerant—oil
mixtures. Based on experimental data for four
different refrigerant—oil mixtures, Hahne and Noworyta
[11] developed an empirical correlation of the form
given by equation (1). Expressions for C and n were
given in terms of oil concentration and three empirical
constants tuned to particular refrigerant-oil com-
binations. This limits its general applicability and pre-
vents comparison with the present data.

Using R-11-oil data, Chongrungreong and Sauer
[9] developed a correlation in terms of tube geometry,
volume fraction of the oil (¢;) and bulk mixture
properties. Since property data of refrigerant—oil mix-
tures were limited, they also developed a much simpler
relation for heat flux in terms of wall superheat, satu-
ration pressure and ¢,. Surprisingly, they found that
their simpler correlation did a better job of predicting
heat transfer performance at higher oil concen-
trations. Jensen and Jackman {10] attempted to
improve the modeling of refrigerant—oil mixtures by
considering the accumulation of oil that takes place
at the vapor bubble surface as the more volatile
refrigerant is evaporated. Diffusion of this oil back to
the bulk mixture establishes an equilibrium con-
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centration gradient next to the bubble (or tube
surface). They developed expressions for an ‘effective’
oil concentration (higher than the bulk concentration)
in the vicinity of the growing bubble in terms of the
mixture properties, mole fraction and mass diffusivity
of the oil in the refrigerant, diffusion layer thicknesst
and wall superheat. These expressions were then cor-
related with the ratio of the experimental mixture
heat-transfer coefficient (using R-113-o0il and R-11-
oil data) to that of pure refrigerant using a correlation
of Forster and Zuber [46].

By reducing the correlations of refs. [9, 10] to the
form of equation (1), they are compared with the
present smooth tube data in Fig. 5: values of C and »
calculated for R-114 at 1 atm are also given in the
figure for pure refrigerant (¢;= 1.0) and oil con-
centrations of 3% (¢; = 0.95) and 10% (¢ = 0.84).
It is clear that, as oil concentration increases, the slope
of the data decreases. While the correlations do show
a steady drop-off in thermal performance as oil con-
centration increases, only the model of Jensen and
Jackman [10] has a decreasing slope, suggesting that
it may account most accurately for the physical
phenomena occurring in such mixtures. The relatively
simplistic approaches used to ‘model’ refrigerant—-oil
mixtures to date demonstrate the complex nature of
predicting mixture heat transfer coefficients. If mix-
ture properties can be accurately determined (as dis-
cussed in ref. [12]) and additional mixture data pro-
vided for a variety of refrigerants, then some type of
phenomenological approach could prove successful in
providing more accurate physically-based models in
the future.

Finned tube results for pure R-114

Figures 6 and 7 show the data for the 19 fpi
trapezoidal and modified low integral-fin tubes,
respectively, for 0, 3 and 10% oil concentrations. The
smooth tube data are given on each figure for com-
parison. In general, the modified fin profile performs
better than the trapezoidal fin profile under all con-
ditions, increasing the heat transfer by between 50%
and 70%. The small increase in surface area of these
tubes compared to the trapezoidal finned tube (~6%)
does not account for this increase. It is more likely to
be due to the reduced spacing between fin tips creating
significant differences in bubble and liquid behavior
in the interfin regions. The channels created by the ‘T’
shaped fins tend to ‘trap’ bubbles such that they are
forced to slide around the channel in close contact
with the tube [23]. This provides a thin-liquid micro-
layer between the tube and the bubble over a larger
proportion of the tubes’ surface, creating large heat-

+ The diffusion layer thickness is taken to be the thickness
of the oil-enriched layer.

1 The data for the three 26 fpi tubes are not shown in detail
here, but can be gleaned from Table 3 and Fig. 10.

§ Secondary nucleation is the entrainment of microscopic
sized bubbles into superheated liquid by liquid drops pen-
etrating a vapor-liquid interface [48).
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transfer coefficients [47]. This trapping mechanism
and improved bubble dynamics within the channels
(bubble pumping) may also help to explain the appar-
ent critical gap width dimension.

Finned tube results for R-114—oil mixtures

With 3% oil at high heat fluxes, Figs. 6 and 7 show
an increase in the heat transfer (similar to that
reported by other investigators). Further addition of
oil (up to 10%) leads to a decrease in heat transfer.
For lower heat fluxes, no such increase is observed at
any oil concentration. Similar trends to those men-
tioned above were also found for the three 26 fpi tube
profiles.] The ‘Y’ shaped fin profile with notching in
the channel base did not seem to provide any sig-
nificant improvement over the ‘T’ shaped profile, indi-
cating that the notches, being relatively large, pro-
vided few extra nucleation sites.

From earlier discussion on concentration gradients,
addition of oil should always decrease the heat-trans-
fer coefficient. The present finned tube data (and-other
reported smooth and finned tube data) contradict this
and show an increase in the heat-transfer coefficient
of up to 20% at low oil concentrations (<3%) and
high heat fluxes. It is evident, therefore, that there
must be some other mechanism that induces this
increase in the presence of oil. Here, the increase is
attributed to the extensive foaming that occurred
when oil was added to the refrigerant.

Udomboresuwan and Mesler [48] reported sig-
nificant enhancement in pool boiling heat transfer in
the presence of foam. They postulated that the foam
drew the liquid-vapor interface closer to the heated
surface. This can have two possible enhancing effects :
(1) by creating a thin liquid film between the foam
and heated surface, yielding very large heat-transfer
coefficients (similar to the idea of an evaporating
microlayer) ; and (2) by bubbles leaving the surface,
bursting into the neighboring liquid—-vapor region
(foam) and causing secondary nucleation.§ Udom-
boresuwan and Mesler [48] also observed that foam-
ing increased with heat flux, an observation also noted
in the present experiments. At high heat fluxes and
low oil concentrations, the enhancing effect of the
foam could overwhelm the degrading effect of the
concentration gradient. With increasing oil con-
centration, however, the gradient steepens to such an
extent that it overwhelms the enhancing effect of the
foam and leads to the drop-off in performance men-
tioned above. At low heat fluxes where there is less
foaming, no such improvement is seen. Other possible
explanations that may counteract the effect of the
oil include some form of micro-convection occurring
within the interfin region, causing better circulation
and mixing close to the surface and effectively
‘scouring’ the oil: however, it is not likely that this
would lead to an increase in heat transfer.

Table 3 gives the heat transfer enhancements at five
heat fluxes for each tube at all three oil concentrations.
Estimated uncertainties for the 19 fpi trapezoidal fin
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tube with pure refrigerant are 15% at low heat fluxes, enhancement. At low oil concentrations, most of this
dropping to around 10% at high heat fluxes. Some improvement is due to the increases in heat transfer
interesting trends are seen for the finned tubes. Atlow  seen in Figs. 6 and 7. The remainder (especially at
heat fluxes, the effect of oil is generally small and high oil concentrations) indicates that the thermal
does not affect performance too much. As heat flux  performance of the smooth tube drops off at a faster
increases, addition of oil significantly improves the rate than the finned tubes in the presence of oil.
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Table 3. Enhancement ratio for enhanced tubes
Heat flux [kW m~7 5 15 30 50 80
Qil concentration [%] 0 3 10 0 3 10 0 3 10 0 3 10 0 3 10
Finned—GEWA-K 40 44 4.0 31 40 41 25 37 41 21 36 41 18 33 39
19 fpi
%inngd)——GEWA-K 3.1 33 3.1 2.9 3.1 33 24 29 32 20 27 29 1.7 25 28
(26 fpi)
Modified finned 5.4 5.6 5.5 4.5 51 5.6 34 45 52 25 38 47 20 33 39
(GEWA-T 19 fpi)
Modified finned 52 438 4.1 4.6 48 4.7 38 47 48 3.1 42 47 24 37 42
(GEWA-T 26 fpi)
Modified finned 4.8 47 3.8 4.6 44 43 40 43 44 33 41 43 26 36 39
(GEWA-YX 26 fpi)
Structured >20 10.6 10.3 10.5 7.7 18 64 58 5.6 41 45 40 28 33 28
(TE-HE)
Structured >20 147 13.7 13.1 107 93 70 75 63 44 50 44 33 36 33
(TURBO-B)
Porous 18.0 139 132 10.2 9.7 99 75 68 46 52 48 23 36 34 12

(HIGH FLUX)

Enhancement values must always be used with care
as they rely heavily on the accuracy of the smooth
tube data used. In addition, any comparisons between
these enhancement values and those found in the
literature should be made with great caution due to
varying definitions of tube outer surface area. For
a given heat flux, the enhancements in Table 3 are
calculated from:

hen _— q.gnATsm __ dsmAnm
h_sm h q.:mATen h denATen

where sm = smooth and en = enhanced. For the
smooth tube, d_, is the actual outside diameter of 15.9
mm. For all the enhanced tubes, 4., is the diameter to
the base of the enhancement, listed in Table 2. As d_,
varies for each enhanced tube and is not equal to d,
the enhancements presented in Table 3 have a smooth-
to-enhanced tube diameter ratio associated with them.
In the literature, enhanced tube data are sometimes
based on an envelope area, using the diameter to the
fin tip or outside of the enhancement. This is the form
most quoted by tube manufacturers, since existing
smooth tubes are often replaced by enhanced tubes
with an equal outer diameter. Enhancements based
on envelope area (15.9 mm in our case) can easily
be computed from Table 3 by dividing each given
enhancement by the smooth-to-enhanced tube diam-
eter ratio, d,,/d.,. For example, the 19 and 26 fpi
trapezoidal fin tubes have a ratio of 1.23, whereas, for
the porous tube, this ratio is 1.

Another surface area often used is the actual wetted
surface area: for the 19 and 26 fpi trapezoidal fin
tubes, the surface area ratio (listed in Table 2) is
approx. 3 and 4, respectively. At heat fluxes greater
than 30 kW m 2, the enhancement data given in Table
3 for these two tubes is less than this surface area
ratio, indicating that the enhancement is due to the
increase in surface area. This was also reported by
Sauer et al. [16] for a 19 fpi trapezoidal fin tube.
However, whereas the surface area ratio is lower for

enhancement =

@

the 19 fpi tube, the enhancements are higher, indi-
cating that lower fin density may be preferable. The
T- and Y-shaped fin profiles have similar surface area
ratios as the 19 and 26 fpi tubes. However, the
enhancements are now larger, possibly due to the
mechanisms mentioned earlier.

Re-entrant cavity tube results for pure R-114

Figures 8 and 9 show data for one of the structured
surface tubes (TURBO-B) and the porous tube,
respectively, for oil concentrations of 0, 3 and 10%.
Such detailed data for the other structured surface
tube (THERMOEXCEL-HE) have been omitted:
however, enhancements for all three tubes are listed
in Table 3 for the same heat fluxes as the finned tubes.
Estimated uncertainties in the enhancements for the
porous tube with pure refrigerant are 30% at low heat
fluxes, dropping to around 13% at high heat fluxes.
Typical uncertainty bands for AT have also been
shown for the porous tube at low and high heat fluxes
in Fig. 9. The large uncertainty at low heat fluxes is
typical of re-entrant cavity tubes and indicative of
the fact that the uncertainty in the measured wall
superheat is of the same order of magnitude as the
wall superheat itself. For pure refrigerant at low to
medium heat fluxes, the enhancements are high for all
three tubes, indicating that there are still a significant
number of active nucleation sites at these low heat
fluxes. Increased pumping action within the channels
or pores (caused by capillary and/or convective forces)
may also be helping to increase the enhancement by
drawing in fresh liquid. At higher heat fluxes, the
enhancements for the re-entrant cavity tubes (and
their associated uncertainties) decrease, but are still
significantly greater than both the finned and smooth
tubes.

Re-entrant cavity tube results for R-114—oil mixtures
With the addition of small quantities of oili(up to
3%), the heat transfer rate decreases for all thiree re-
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Fig. 9. Comparison of HIGH FLUX tube to smooth tube for pure refrigerant and refrigerant-oil mixtures.

entrant cavity tubes, even though foaming was still
very evident. Improvement in heat transfer with smali
quantities of oil has never been reported for re-entrant
cavity tubes. This may be for a number of reasons:
(1) the foam cannot penetrate the re-entrant cavities

where the majority of the heat transfer takes place;
(2) the oil, once inside the cavity, cannot easily diffuse
back to the bulk mixture; and (3) a higher rate of oil
is transported to the surface due to the higher density
of active nucleation sites per unit area. At a given heat
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flux, (2) and (3) give rise to a steeper concentration
gradient than for a smooth or finned tube, perhaps
overwhelming any beneficial effect of the foam.

At low oil concentrations and high heat fluxes,
enhancement for the two structured surface tubes
increases, again due to the thermal performance of
the smooth tube dropping off at a faster rate in the
presence of oil. The structured surface tubes therefore
seem to display some of the characteristics of finned
tubes, which is perhaps not too surprising when one
considers how they are made. Such an increase is not
seen for the porous tube, suggesting that the con-
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trolling heat transfer mechanisms are different for
each type of re-entrant cavity tube in the presence of
oil. This is supported by the fact that, with further
addition of oil, the thermal performance of the two
structured surface tubes drops off only slightly ¢om-
pared with that for the porous tube, which drops off
so dramatically that an enhancement of only 20% is
obtained at high heat fluxes. Wanniarachchi et al: [26]
suggested that the porous tube (which has a relatively
random pore size distribution) becomes more readily
‘clogged’ with oil, leading to exceptionally high ther-
mal resistances. Liquid and vapor trapped in the
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Fig. 10. Heat-transfer coefficient vs heat flux for all tubes at 0, 3 and 10% oil concentration (GK =
GEWA-K, GT = GEWA-T, GYX = GEWA-YX, TX-HE = THERMOEXCEL-HE).
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organized (man-made) cavities of a structured surface
tube can probably move about (and diffuse) more
freely than in the disorganized (random) cavities of
a porous tube, giving better heat transfer and less
clogging. It should be pointed out, however, that oil
is detrimental for all three re-entrant cavity tubes such
that, at high heat fluxes and high oil concentrations,
the modified fin profile tubes provide the best overall
thermal performance.

Figure 10(a)-(c) presents a summary of the data
for the nine tubes for oil concentrations of 0, 3 and
10%, respectively. The data, plotted as average heat-
transfer coefficient vs heat flux, clearly show three
distinct ‘types’ of surface : (1) smooth, (2) low integral-
fin (trapezoidal and modified fin profiles), and (3) re-
entrant cavity. At low heat fluxes, the three groups
are fairly distinct for each oil concentration. At high
heat fluxes, however, the groups tend to merge,
especially the latter two as oil concentration increases.
At the highest heat fluxes for pure refrigerant, the
advantage of using a re-entrant cavity tube is evident.
As oil concentration is increased, however, the heat
transfer from each re-entrant cavity tube decreases
and the integral-fin tubes with modified fin profiles
provide the best performance at high heat fluxes. The
poor performance of the porous coated tube at high
heat fluxes with 10% oil can also be clearly seen. At
design heat fluxes (15-30 kW m~? for most com-
mercial flooded evaporators) and oil concentrations
(< 3% with separators), enhancements are still sig-
nificantly larger for all three of the re-entrant cavity
tubes than for any of the finned tubes.

CONCLUSIONS

An experimental database has been established for
pool boiling of pure R-114 and R-114—cil mixtures
from single tubes having smooth and enhanced
surfaces. Based on these single tube measurements,
the following conclusions may be made.

Pure R-114

e For finned tubes at a given heat flux, a profiled fin
shape creates a gap width which can increase heat
transfer, possible due to improved bubble dynamics
within the channels.

e The re-entrant cavity tubes provide the largest
enhancements due to the higher density of active
nucleation sites and perhaps better fluid pumping
within the channels. As heat flux decreases, this
improvement becomes more significant due to the
increasing ratio of active sites compared to those
on a finned or smooth tube.

R-114-0il mixtures

e For the finned tubes at high heat fluxes, small quan-
tities of oil (up to 3%) increase the heat transfer
coefficient : this is thought to be associated with
the foaming that accompanies the boiling of such

S. B. MEMORY et al.

mixtures. Further increases in oil concentration lead
to a steady decrease in performance.

e For the re-entrant cavity tubes, any addition of oil
leads to a drop-offin performance. This is especially
significant for the porous coated tube at high heat
fluxes and high oil concentrations (up to 10%).
where it is thought that the oil tends to clog up the
pore structure.

e The trends of the data can be explained from con-
sideration of the various mechanisms which trans-
port oil to and from the heated surface.

e At practical design heat fluxes (15-30 kW m ) and
oil concentrations (x3%) for flooded type evap-
orators, the re-entrant cavity tubes provide the best
thermal performance.
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